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Abstract—This paper systematically presents the results of heat transfer and friction factor data measured
in five short rectangular channels with turbulence promoters. The project investigated the combined effects
of the channel aspect ratio, rib angle-of-attack, and flow Reynolds number on heat transter and pressure
drop in rectangular channels with two opposite ribbed walls. The channel aspect ratio (width-to-height,
W/H, ribs on side W) varied from 1/4 to 1/2, to 1, 2. and 4, while the corresponding rib angles-of-attack
o were 90°, 60°, 45°, and 30°, respectively. The Reynolds number range was 10,000-60,000. The results
suggest that the narrow aspect ratio channels (W/H < 1) give much better heat transfer performance than
the wide aspect ratio channels (W/H > 1). For the square channel (W/H = 1), the 60°/45" angled ribs
provide the best heat transfer performance. For the narrow aspect ratio channel (W/H = 1/4 or 1/2), the
45°/60° angled ribs are recommended while the 30°/45° angled ribs are better for wide aspect ratio channels
(W/H = 4 or 2).

INTRODUCTION

IT 18 COMMON for turbulence promoters/vortex gen-
erators such as fins, pins, ribs, twisted tapes, inserts,
etc., to be widely used in heat exchangers to improve
the single-phase heat transfer performance [1]. This
paper belongs in the category of surface heat transfer
augmentation by the use of repeated-rib turbulence
promoters. Heat transfer enhancement has been stud-
ied [2-8] for fully developed turbulent flows in circular
tubes and between parallel plates with repeated-rib
promoters. Studies also exist for these ribbed surfaces
with high temperature gas-cooled nuclear reactor
applications [9-12]. In recent years, however, the
major motivation for research has been for high tem-
perature gas turbine cooling systems [13-18], as in the
present investigation.

The improvement in power and efficiency of mod-
ern aircraft gas turbine engines has led to increased
maximum turbine inlet temperatures (1400-1500°C).
As a consequence, developing various cooling tech-
nologies for vanes and blades of advanced gas turbines
becomes more important in industry. In advanced
gas turbine vanes and blades, repeated-rib turbulence
promoters are cast onto two opposite walls of internal
cooling passages to enhance heat transfer to the
cooling air since heat is conducted from the pressure
and suction surfaces. The internal cooling passages
can be modeled as short rectangular channels with

different aspect ratios. Due to blade shape, cooling
channels near the trailing edge have broad aspect
ratios (W/H = 1) and those near the leading edge
have narrow aspect ratios (W/H < 1) asin Fig. 1. The
heat transfer performance depends on the channel
aspect ratio, the rib configuration (such as rib height,
pitch, angle-of-attack), and the flow Reynolds
number. Reference [19] studied the effects of rib
configurations (0.046 < ¢/D < 0.078, 10 < Ple < 20,
30°<a<90°) and flow Reynolds numbers
(10,000 < Re < 60,000) on the local heat transfer and
pressure drop in developing (entrance) and fully
developed regions of foil heated, short rectangular
channels (10 < L/D < 15) with wide aspect ratios
(W/H =1, 2, and 4). Reference [20] reported similar
studies in rectangular channels of narrow aspect ratios
(W/H =1/4 and 1/2). Some data reported in refs.
[19, 20] have been published in refs. [21, 22]. These
publications [21, 22] focused on the local heat trans-
fer coefficient distributions, average heat transfer
coefficient and friction factor, and their correlations.
However, the combined effects of channel aspect ratio
and rib angle-of-attack on the heat transfer per-
formance were not clearly presented. For example, it
has been concluded that the 30° angled rib in the
square channel has the best thermal performance per
given pumping power and the 60° angled rib has the
highest heat transfer and pressure drop per given
Reynolds number. It is not clear whether this finding
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opposite ribbed walls
Jo friction factor in a developed four-sided
smooth channel

ge conversion factor

G mass flux, pr

h local heat transfer coeflicient

H flow channel height

K thermal conductivity of air

L test channel length for frictional pressure
drop

Nu  Nusselt number, hD/K
Nusselt number in a fully developed four-
sided smooth channel

NOMENCLATURE
A heat transfer surface area p pressure in channel
D channel hydraulic diameter Pawm  atmosphere pressure
e rib height P rib pitch
b friction factor in a channel with two Pr Prandt! number of air

AP pressure drop across the test
section

q heat generation rate from foils

diss  heat loss rate through insulation

Re Reynolds number, GD/u

T, bulk mean temperature of air

T. local wall temperature

¢ average velocity of air.

Greek symbols

% rib angle-of-attack
i average dynamic viscosity of air
P average density of air.

is applicable to rectangular channels with wider or
narrower aspect ratios. On the other hand, for a given
angled rib configuration, it is not clear whether the
wider or narrower aspect ratio channel will provide a
better heat transfer performance. It is necessary to
present the combined effects of channel aspect ratio
and rib angle on the heat transfer performance.

This paper is based on original data presented in
two reports [19, 20]. The objective is to compare the
heat transfer performance in five rectangular channels
with parallel, angled ribs. The channel aspect ratios
(W/H, ribs on side W) are 1/4, 1j2, 1, 2, and 4,
as seen in Fig. 1. The channel length-to-hydraulic
diameter ratios (L/D) are 10 and 15. The ribs are
placed parallel on the two opposite walls in each chan-
nel with a rib angle 907, 607, 45", or 30 to the flow,

—

W/H =1

Ribs

._.-..‘py.qi

H
WiH =1/4 WiH =172
WiH=2 W/H =4

F1G. 1. Cross-sections of five rectangular channels.

respectively. This means the ribs on the top surface
are parallel to the ribs on the bottom surface and
to each other. The rib height-to-hydraulic diameter
ratios {e/D) are 0.047 and 0.078 and the rib pitch-to-
height ratio (P/e) is 10. These ¢/D and Ple ratios are
typical in turbine cooling channels. The flow Reynolds
numbers are 10,000, 30,000, and 60,000 for a given
rectangular channel so the obtained results are of heat
transfer vs pressure drop for four rib angles. The
results of heat transfer vs pressure drop are compared
for a given rib angle for five rectangular channels.
The highest and lowest heat transfer coeflicient
accompanied by the highest/lowest pressure drop are
identified in each of five rectangular channels with
angled ribs. Although the main application of this
study is for internal cooling passages of gas turbine
blades and vanes, the results can be used for heat
exchangers with rectangular cross-sectional channels
and with repeated-rib turbulence promoters. All raw
data in this study are documented in two reports [19,
20]. Additional information related to this paper may
be found in refs. [21, 22].

EXPERIMENTAL APPARATUS AND DATA
REDUCTION

The experimental program used in the study was
described in some detail in refs. {21, 22]. A brief intro-
duction is presented here to clarify the configuration
parameters that relate to the present study.

A sketch of the experimental apparatus is shown in
Fig. 2. Five straight rectangular channels with differ-
ent aspect ratios were constructed. A plenum con-
nected to the inlet of the test channel provided a
sudden entrance condition (hydrodynamically devel-
oping flow). The air was exhaused into the atmosphere
after the test channel. In order to obtain the local heat
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F1G. 2. Dimensions of the test channels and the inlet plenum.
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transfer coeflicients, the test channels were uniformly
heated by passing a current through ¢.025 mm (0.001
in.) thick, stainless steel foils cemented separately to
the inner face of four plates, which composed the
channel. Figure 2 shows the dimensions of the test
channels and the associated plenums. These par-
ameters were arbitrarily chosen to simulate typical
turbine cooling channels. The flow Reynolds number
based on the channel hydraulic diameter (D) varied
between 10,000 and 60,000.

The brass ribs with a square cross-section were uni-
formly glued on the top and bottom walls of the foil
heated test channels so that the ribs on the opposite
walls (side W) were parallel. Figure 3 shows the rib
geometries for each test channel. The glue thickness
is less than 0.0127 cm. The rectangular channel 1A
(W/H=1/2) and the rectangular channel IIA
(W/H = 1/4) were fabricated from the rectangular
channel 1 (W/H = 2) and rectangular channel II
(W/H = &), respectively, by simply moving ribs from
the top and bottom walls to the right- and left-hand
side walls of the channels. The entire heated test chan-
nel was insulated by fiberglass material.

For local surface temperature measurements, 180
36-gauge copper-constantan thermocouples were
soldered underneath the foils in the square channel
and rectangular channels I and II (100 in the rec-
tangular channels IA and IIA), respectively. Ninety of
these thermocouples were placed on the bottom
ribbed wall (channel width side); the other 90 on the
right-hand side smooth wall (channel height side).
Sixty of the 90 thermocouples were placed along the
centerline of the ribbed and the smooth walls, as
shown in Fig. 4. The remaining 30 were distributed
on the middleline and the edgeline of each wall. The

thermocouples were soldered underneath the thin foil
through holes in the wood-plexiglass plate, as shown
in Fig. 4. The thermocouple locations were fixed,
although the rib angle « varied from 90° to 30°. Six
pressure taps along the centerline of the top wall and
six along the centerline of the left-hand side wall
measured static pressure drop. Another pressure tap
installed at the plenum recorded the static pressure of
entering air. Thermocouple and pressure tap locations
for each test channel are given in refs. [21, 22].

The local heat transfer coefficient was calculated
from the local net heat transfer rate per unit surface
area to the cooling air, the local wall temperature
on each foil plate, and the local bulk mean air
temperature as:

h = (§— o) {A(Toy — To))- ()

Equation {1) was used for the local ribbed side wall
and smooth side wall heat transfer coefficient cal-
culations. The local net heat transfer rate was the
electrical power generated from the foil heaters minus
the heat loss outside the test duct. The electrical power
generated from the foil was determined from the mea-
sured foil resistance and voltage on each wall of the
test duct. The effect of the local wall temperature
variation on the local foil resistance was estimated to
be very small and negiigible. The foil provided a nearly
uniform heat flux on each wall of the test duct. The
heat loss from the test duct was determined separately
under a no flow condition. The maximum heat loss
from the ribbed side wall and smooth side wall was
estimated to be less than 3 and 5%, respectively, for
Reynolds numbers greater than 10,000.

Note that the ribbed side wall heat transfer surface
area increases by adding ribs. The area increment
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Rectangular Channel 1A 2/4 0.32 0.047 10 90°,60° 10
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60

Rectangular Channel I1A 1/4 0.32 0.078 10 90°,60° 10
45° 30

60

FiG. 3. (a) Cross-section of foil heated test channel. (b) Rib geometries in each test channel.

depends upon the rib spacing and rib angle-of-attack.
For the present study of P/e = 10, the ribbed side wall
heat transfer area with the 90° ribs increases by 20%
compared with the smooth wall, while the heat trans-
fer area with the 60° ribs increases by 23%. To place
the results on a common basis, the heat transfer area
used in equation (1) was always that of a smooth wall.
The local wall temperatures used in equation (1) were
read from the thermocouple output of each foil plate.
The bulk mean air temperatures entering and leaving
the test duct were measured by thermocouples. The
local bulk mean air temperature used in equation (1)
was calculated from the measured inlet air tem-
perature and the net heat input to the air. The total
net heat transfer rate from the test duct to the cooling
air agreed with the cooling air enthalpy rise along the
test duct. The inlet bulk mean air temperature was 24~
30°C depending on the test conditions. The maximum
uncertainty in the Nusselt number was estimated to
be less than 8% for Reynolds numbers larger than
10,000 by using the uncertainty estimation method of
Kline and McClintock [23].

To reduce the influence of flow Reynolds number
on the heat transfer augmentation, the local Nusselt
number of the present study was normalized by the
Nusselt number for fully developed turbulent flow in
smooth circular tubes correlated by Dittus—Boelter
and McAdams as:

NufNu, = (hD/K)/[0.023Re"* Pro4]. )
A micromanometer connected to pressure taps
measures the pressure drop across the test duct. The
friction factor was calculated from the pressure drop
across the test duct and the mass velocity of air as:

/= AP/[A(L/D)(G*/2pg.)]- 3

Based on the heating levels of this study, it was
experimentally determined that the friction factor
with heating is about 1-3% higher than that without
heating. Therefore, the friction factor f is based on
the isothermal conditions (tests without heating). The
maximum uncertainty in the friction factor is esti-
mated to be less than 9% for Reynolds numbers
greater than 10,000 by using the uncertainty estima-
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F16. 4. Detailed thermocouple locations in each test channel.

tion method of Kline and McClintock [23]. To reduce
the effect of flow Reynolds number on the friction
factor increment, the friction factor f of the present
study was normalized by the friction factor for
fully developed turbulent flow in smooth circular
tubes (10* < Re < 10%) proposed by Blasius as:

fifo =f/[0.046Re™ 2] ©)]

For effective turbine cooling design, it is important
to know the local heat transfer distributions for devel-
oping flow in short rectangular channels with rib tur-
bulators. Therefore, during the experiment, raw data
such as the local temperature were acquired point by
point along the centerlines of the ribbed side and
smooth side walls. These kind of results provide the
detailed distributions of heat transfer coefficient on
channel walls from the entrance to the downstream
region [21, 22). However, it is inconvenient to apply in
the design of turbine airfoil cooling channels.

For the results of ribbed channels to be useful for
designers, and to express the characteristics of heat
transfer with rib turbulators, an average evaluation
of the data on those points between the ribs is taken
based on the Cubic Spline Function Integration. That
is, each established Nusselt number is based on the
average evaluation of the data on five stations every
rib pitch (pitch-average) along the axial line for the
case of Ple = 10 (see Fig. 4). After evaluation, the

effect of important parameters such as the channel
aspect ratio, rib angle-of-attack, and the Reynolds
number on the augmentation of heat transfer will be
shown more concisely. From a mathematical view,
the Cubic Spline Function Integration used in this
study has the same accuracy as the Simpson Inte-
gration and is easier to apply than the latter. It would
meet the requirement of engineering design.

EXPERIMENTAL RESULTS AND DISCUSSION

Comparison between the present and previous inves-
tigations

Typical results for the four-sided smooth square
channel are shown in Fig. 5(a). The test data from
refs. [24, 25] are included for comparison. In ref. [24],
the data were obtained for air flow in a circular tube
with a sharp entrance and heated by condensing
steam. In ref. [25], the results were based on air flow in
a high-aspect-ratio rectangular channel (W/H = 18)
with a sharp entrance by using the naphthalene sub-
limation method. In general, the local Nusselt number
ratios along the bottom wall (channel width side) and
the right-hand-side wall of the test channel exhibit the
same trend. This shows that flow separation occurs
right after the entrance due to sharp contractions with
flow reattachment attained at about 0.5D from the
entrance, creating a high heat transfer coefficient. In
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F1G. 5. (a) The local Nusselt number ratio in the four-sided
smooth square channel. (b) The local Nusselt number ratio
in the two-sided ribbed square channel.

the entrance region, the present data agree quali-
tatively with those of refs. [24, 25]. In the downstream
region with X/D > 8, the present data agree fairly well
with those of refs. [24, 25] and are about 5-10% higher
than Dittus—Boelter-McAdams’ fully developed tur-
bulent tube flow results. Note that both the present
data and ref. [25] show that the flow reattachment
(the highest heat transfer) is attained at about 0.5D
from the sharp entrance.

Typical results for the two-sided ribbed square
channel (with 90° ribs) are shown in Fig. 5(b). The
pitch-averaged heat transfers are presented as the
axial distributions of a normalized Nusselt number
ratio, Nu/Nu,, as given in equation (2). The test data
of 90° ribs from refs. [13, 14] are included for com-
parison. In ref. [13], the data were obtained for air
flow in two-sided ribbed square duct with a short duct
sharp entrance and heated by copper-plate heaters. In
ref. [14], the results were based on the air flow in a
two-sided ribbed square duct with a 90° bend sharp
entrance and heated by thin foil heaters. The ribs
break up the laminar sublayer and create local wall
turbulence due to flow separation from the ribs and
reattachment beiween the ribs. Therefore, the ribbed-
side wall heat transfer coefficients are much higher
than the smooth-side wall heat transfer coefficients,
except that in the entrance region both side heat trans-
fer coefficients are comparable. Due to the ribbed-side
wall turbulence, the smooth-side wall heat transfer
coeflicients in the downstream region are also higher
than the four-sided smooth channel results. Note that
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in the upstream region the present data are slightly
lower than those in ref. [14], and higher than thosc in
ref. [13], but agree fairly well with cach other in the
downstream region. In the entrance region, the differ-
ent heat transfer coefficients between this study and
those of refs. [13, 14] are due to the fact that different
types of sharp entrances were used in each inves-
tigation. In the downstream region the agrecable heat
transfer coefficients among these studies are because
the flows become fully developed in the same type
of rib-roughened channels. These smooth and ribbed
channel results prove that the test sections and instru-
mentations of this study are reliable to reproduce data
for various rib configurations and flow channe! aspect
ratios.

The average heat transfer coefficient and the aver-
age friction factor in the fully developed region of the
four-sided smooth rectangular channels are shown in
Fig. 6 and compared with the existing correlations
for flow in fully developed turbulent tube flow. The
Nusselt numbers differ by up to 10% {rom the Dittus-
Boelter-McAdams equation, and the friction factors
differ by up to 12% from the Blasius equation.

Pitch-averaged heat transfer and pressure drop datu
Several results were obtained by the above method
for 60 sets of combinations (five W/H ratios, four
rib angles, and three Reynolds numbers). The pitch-
averaged heat transfer results are presented as the
axial (streamwise) distributions of a normalized Nus-
selt number ratio, Nu/Nu,, as given in equation (2).
The results plotted in Fig. 7 show the combined effects
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ber in the four-sided smooth rectangular channel.
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F1G. 7. The effect of rib angle on the pitch-averaged heat transfer distribution in the square channel
(W/H = 1).

of the channel aspect ratio, rib angle-of-attack, and
the Reynolds number on the centerline Nusselt num-
ber ratios for the square channel (W/H = 1). From
entrance to developing flow, which corresponds to
X/D = 0-1.5 on the ribbed side and 2.5 on the smooth
side, heat transfer first decreases sharply then stays
constant, except that heat transfer increases after
X/D = 3 for o = 45° and 60°. The Nusselt number
ratios at the ribbed sides in the cases of « = 30° and
90° are lower than those for « = 45° and 60°. The
secondary flow induced by rib angle/orientation
causes higher heat transfer for o =45° and 60°.
Although heat transfer ratio decreases slightly with
increasing Reynolds number, the results of
Re = 10,000 in the cases of « = 45° and 60° are higher
than the others. Reference [20] shows similar plots for
W/H = 1/2,1/4, 2, and 4.

The heat transfer augmentation in rib-roughened
channels is always accompanied by an increased pres-
sure drop through the same channels. In order to
comprehensively evaluate heat transfer and flow
characters in a channel, a set of local pressure drop
distributions corresponding to different Reynolds
numbers and rib angles-of-attack for the square chan-
nel (W/H = 1) are shown in Fig. 8. The local friction
factor was defined as (p—p.m)/(1/2p0?) for com-
parison with equation (3). A first data point at X < 0
means that it was in the plenum. It is clear that, for
all Reynolds numbers studied, the local dimensionless
pressure drop at a = 60° is the highest among those
at other rib angles at o = 45°, 90°, and 30°, and also
for the four-sided smooth channel. The dimensionless
pressure drop increases slightly as the Reynolds num-

ber increases. Similar kinds of plots of W/H = 1/2,
1/4, 2, and 4 are shown in ref. [20].

As discussed in refs. [21, 22], the parallel angled
ribs may induce secondary flow (or swirling flow)
along the rib axes. Therefore, the Nusselt number
ratios on both the smooth-side wall and the ribbed-
side wall with parallel angled ribs (x = 60°, 45°) are
higher than that with transverse ribs (x = 90°).
Because of this secondary flow effect, the pressure
drops with parallel angled ribs (@ = 60° and 45°) are
also higher than the 90° ribs. This rib-angle-induced
secondary flow effect is significant for flow in a square
channel and in a rectangular channel with narrow
aspect ratio (W/H = 1/2). However, this effect is
gradually reduced for the rectangular channels with
broad aspect ratos (W/H = 2 and 4), as discussed in
refs. [21, 22]. This may be because the secondary flows
induced by parallel angled ribs on the two opposite
walls cancel each other out, because the two opposite
walls are too close to each other for broad aspect ratio
channels (W/H =2 and 4). The conjectured sec-
ondary flow induced by the angled ribs will be verified
through the flow visualization technique and by vel-
ocity profile measurements in a separate project. This
investigation focuses on the effect of channel aspect
ratio on the surface heat transfer enhancement with
the angled ribs.

Centerline-averaged heat transfer and pressure drop
data

Based on the pitch-averaged Nusselt number ratio
and the dimensionless pressure drop distribution, it
was found that for & = 90°, the pitch-averaged Nusselt
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number ratio and the friction factor became fully
developed constant values after X/D > 2. Therefore,
the heat transfer and pressure drop data in the region
with X/D > 2 in each channel were used to provide the
centerline-averaged Nusseit number and the friction
factor. The heat transfer coefficients along the center-
line after X/D > 2 were averaged separately for the
ribbed-side and smooth-side walls. Figure 9 provides
a comparison of the centerline-averaged Nusselt num-
ber ratios versus Reynolds number for different chan-
nel aspect ratios. As seen in Fig. 9, the centerline-
averaged heat transfer ratios for the rectangular chan-
nels decrease slightly with increasing Reynolds num-
bers on both the ribbed-side and smooth-side walls.
Figure 9 shows that for all channels studied, the nor-
malized Nusselt number on the ribbed-side wall at
o = 60° is the highest and, in turn, at « = 45° and 30°;
whereas o = 90” is the lowest except for the rec-
tangular channels I and II (W/H = 2 and 4), where
o = 90° provides the highest heat transfer. As indi-
cated above, this is because the rib-angle-induced sec-
ondary flow is significant in narrow aspect ratio chan-
nels (W/H = 1/4, 1/2, and 1) and causes higher heat
transfer. However, the secondary flow effect dimin-
ishes in broad aspect ratio channels (W/H = 2 and
4) ; therefore, the 90° rib produces higher heat trans-
fer. For the smooth-side wall, the average heat trans-
fer at o = 90° in the rectangular channels I and 11
(W/H = 2 and 4) is so high that they are close to those
at « = 30° on the ribbed-side wall.

Figure 10 is the average friction factor calculated by
equation (4) after X/D > 2. As expected, the average
friction factor ratios increase with increasing Reyn-

olds number. The average friction factor ratios for
broad aspect ratio channels (W/H > 1) depend on the
rib angle, but they are insensitive to the rib angle for
narrow aspect ratio channels (W/H < 1). The average
friction factor ratios increase with increasing rib angle
(i.e. 90° ribs produce the highest friction factor ratios)
for W/H = 2 and 4, while the 60° angled ribs provide
the highest friction factor ratios for W/H =1, 1/2,
and 1/4. In general, the average friction factor ratios
increase with increasing channel aspect ratio from 1/4
to 4.

Heat transfer performance comparison

A simple method to evaluate the heat transfer
performance for rib-roughened channels is the
comparison of both heat transfer and friction factor
augmentations, as shown in Figs. 11 and 12. In these
figures, for a given rib angle in a given channel, the
Nusselt number ratios decrease but the friction factor
ratios increase with increasing Reynolds number from
10,000 to 60,000.

As indicated in Fig. 11 for the square channel
(W/H = 1), the ribbed-side heat transfer enhance-
ments are about three times and the pressure drop
penalties are about four to eight times the values for
60°/45° ribs. For the same level of heat transfer
enhancement (~ three-fold) for the narrow aspect
ratio channels (W/H = 1/2 and 1/4), the pressure drop
penalties are only twice to four times the values for
60°/45° ribs. However, for the same level of heat trans-
fer enhancement for the broad aspect ratio channel
(W/H = 4), the pressure drop penalties are as high
as 8-16 times the values for 60°/45° ribs. It can be



Heat transfer performance comparisons

2899

4
34
&
2,
1 4
0 -
4
% W/H =1/2 W/H =4
Semo
3
&
2,
14 .‘_‘..‘_.—.--v'\:-_—?ﬁ-‘r;‘—"-:i
AT
0 v T N T T
o] 10 20 30 40 50 60 70
4 Rex107°
W/H =1/4
31 Brmer e v ribbed side smooth side
o T o A ---------- A
3
= 30° W o=30°
b vV a=45° v a=45°
. A a=60° A o =60°
O a=90° ® o=9%°
0 T v T r
0 10 20 30 40 50 60 70
Rex1073
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concluded that the narrow aspect ratio channel does
better than the broad aspect ratio channel. Figure 11
also shows that the 90° ribs give the lowest heat
transfer and pressure drop augmentations, whereas
the 60° ribs provide the highest heat transfer and
pressure drop enhancements for W/H = 1/2 and 1/4;
the 30° ribs give the lowest while the 90° ribs pro-
vide the highest heat transfer and pressure drop
augmentations for W/H = 4 and 2.

Figure 12 shows the effect of channel aspect ratio
on the heat transfer and pressure drop enhancement
for a given rib angle at three Reynolds numbers. For
60° ribs, the ribbed-side heat transfer augmentations
are almost constant (~three-fold) but the pressure
drop penalties increase dramatically from two- to 18-
fold when the channel aspect ratio changes from 1/4
to 4. Similar results are observed for 45° ribs. It is
clear that the narrow aspect ratio channel provides a
better heat transfer performance than the broad
aspect ratio channel. Both heat transfer enhancement
(two- to three-fold) and pressure drop increment
(two- to seven-fold) are relatively low for 30° ribs in
all five channels (W/H = 1/4-4). The heat transfer is
enhanced 2-2.5-fold and pressure drop two- to five-
fold for 90° ribs at W/H = 1/4—1, but the heat transfer

is enhanced three-fold and pressure drop 12-18-fold
for 90° ribs at W/H = 4.

From an application point of view, one would like
to use the 60° or 45° angled ribs in a square channel
(W/H = 1) because they enhance the heat transfer
coefficient about three times and pay four to eight
times the pressure drop for Reynolds numbers
between 10,000 and 60,000. If one has a choice, the
narrow aspect ratio channel (W/H = 1/2 and 1/4)
with 45°/60° angled ribs will be the best because it
creates about three times the heat transfer coefficient
but only pays three to four times the pressure drop
for the same range of Reynolds numbers. This is
because the spacing between the two opposite ribbed
walls is bigger for the narrow aspect ratio channel.
In the narrow aspect ratio channel the angled rib
secondary flow effect still exists (and causes high heat
transfer) but the pressure drop is greatly reduced when
compared with the square channel. Two options exist
if one has no choice and must use the broad aspect
ratio channel (W/H =4). First, use 90° ribs to
enhance the heat transfer coefficient three times and
pay a 12-18-fold drop in pressure; second, use 30°
ribs to enhance the heat transfer coefficient two- to
three-fold and only pay a six-fold pressure drop. Both
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the heat transfer enhancement and pressure drop pen-
alty for the broad aspect ratio channel with 60°/45°
angled ribs are somewhere between those of the 90°
and 30° ribs.

CONCLUDING REMARKS

The effect of channel aspect ratio on the heat trans-
fer performance in five different rectangular channels
with angled ribs has been systematically investigated.

1. The slope of Nu/Nu, vs flf, decreases with
increasing W/H ratio from 1/4 to 4. This means the
pressure drop increments in the broad aspect ratio
channel (W/H =4) are much larger than in the
narrow aspect ratio channel (W/H = 1/4) for the
same level of heat transfer augmentation.

2. For W/H =1, 1/2, and 1/4, the order of heat
transfer and pressure drop augmentation is 60°, 45°,
and 30°/90° angled ribs. For W/H =4 and 2, the
augmentation order is 90°/60°, 45°, and 30° angled
ribs.

3. For W/H = 1/2 and 1/4, the 45°/60° angled ribs
have about three-fold heat transfer augmentation with
about three- to four-fold pressure drop penalty. For

W/H = 1, the 60°/45° angled ribs give about a three-
fold heat transfer augmentation with a four- to eight-
fold pressure drop penalty. However, for the same
level of heat transfer augmentation, the pressure drop
increments are about 8-16 times greater for W/H = 4.

4. For narrow aspect ratio channels (W/H = 1/4
and 1/2), the 45°/60° angled ribs are recommended
for cooling design (Nu/Nu, = 3-3.5, f/f, =4). For
the broad aspect ratio channel (W/H = 4), the 30°/45°
angled ribs are recommended for cooling design
(Nu/Nu, =2-3, f|f, = 4-6).

5. For 60° angled ribs, the heat transfer aug-
mentations are about three-fold for all five channels
studied. However, the pressure drop penalties increase
from four- to 18-fold when the channel aspects ratio
changes from 1/4 to 4. For 45° angled ribs, both heat
transfer and pressure drop increments are slightly
lower than the 60° angled ribs in the corresponding
channels. For 30° angled ribs, both heat transfer (two-
to three-fold) and pressure drop increment (two- to
seven-fold) are relatively low in all five channels. For
90° ribs, the heat transfer is enhanced 2-2.5-fold and
pressure drop two- to five-fold at W/H = 1/4-1, but
the heat transfer is enhanced three-fold and pressure
drop 12-18-fold at W/H = 4.
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COMPARAISONS DES PERFORMANCES DE TRANSFERT THERMIQUE DE CINQ
CANAUX RECTANGULAIRES DIFFERENTS AVEC DES CANELURES
PARALLELES OBLIQUES

Résume—On présente systématiquement les réultats sur le transfert thermique et le coefficient de frottement
mesurés pour cing canaux rectangulaires courts avec des promoteurs de turbulence. On étudie les effets
combinés du rapport de forme du canal, de I'angle d’attaque des canelures et du nombre de Reynolds sur
le transfert thermique et la perte de pression dans des canaux rectangulaires avec deux parois opposées
canelées. Le rapport de forme (largeur/hauteur, W/H, canelure sur le coté W) 1/4, 1,2, 1. 2 et 4 tandis que
I'angle d’attaque correspondant « est respectivement 907, 60, 45 et 30" Le domaine du nombre de
Reynolds est 10 000-60 000. Les résultats suggérent que les rapports de forme petits (W/H < 1) donnent
des meilleures performances de transfert thermique que les grands rapports (W/H > 1). Pour le canal carré
(W/H = 1), les angles 60°/45" donnent les meilleures performances du transfert. Pour les petits rapports
de forme (W/H = 1/4 ou 1/2). les angles 45°/60” sont recommandés tandis que les angles 307/45" sont
meilleurs pour les grands rapports de forme (W/H = 4 ou 2).
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VERGLEICH DES WARMEUBERGANGS IN FUNF UNTERSCHIEDLICHEN
RECHTECK-KANALEN MIT PARALLEL AUSGERICHTETEN RIPPEN

Zusammenfassang—In der vorliegenden Arbeit werden Ergebnisse fiir Wirmeiibergang und Druckabfall
dargestelit, die in finf kurzen Rechteck-Kanilen mit Turbulenzpromotoren gemessen wurden. Die gekop-
pelten Einfliisse des Seitenverhéltnisses im Kanal, des Anstellwinkels der Rippen sowie der Reynolds-Zahl
auf Wirmelibergang und Druckabfall in einem Rechteck-Kanal mit zwei gegeniiberliegenden berippten
Winden wird untersucht. Dabei sind die Breitseiten berippt, und das Seitenverhiltnis des Kanals (Breite
zu Héhe, W/H) betragt 1/4, 1/2, 1, 2 und 4, wihrend der Anstellwinkel der Rippen, &, die Werte 90%, 60°,
45" und 30" annimmt, Die Reynolds-Zahl liegt im Bereich zwischen 10000 und 60000. Die Ergebnisse
deuten darauf hin, daf} die Kandle mit kleinem Seitenverhdltnis (W/H < 1) ein wesentlich besseres Wiir-
meiibertragungsverhalten aufweisen als die Kandle mit groBem Seitenverhiltnis (W/H > 1). Bei qua-
dratischem Kanal (W/H = 1) ergeben die mit 607/45" angestellten Rippen das giinstigste Wiar-
meiibertragungsverhalten, Fir ein kleines Seitenverhélnis (W/H = 1/4 oder 1/2) sind die 45°/60°
angestellten Rippen zu empfehlen, wihrend fir ein groBes Verhiltnis (W/H =4 oder 2) die 30°/45"
angestellten Rippen besser sind.

CPABHEHMUE XAPAKTEPHUCTHK TEIUIOINIEPEHOCA TIATH PA3JIMUYHLIX KAHAJIOB
NPAMOYIOJIBHOIO CEUEHHMA C NAPAJITEJBHBIMH PACITIOJIOXEHHBIMH MO
YI'JIOM PEBPAMH

Asnmoramus—IIpescTasiensl pe3yipTaThl H3MEPDCHHHR Terutonepenoca ¥ KO3Q(UUHEHTa TepHAS B OATH
KODOTKHX KaHajgax NPAMOYTONBHOTC ceueHud ¢ TypOymmiatopamu. MccnenoBajioch BIUSHHE OTHOLUIE-
HMS CTOPOH KaHaja, yrna ataxu pebep m yucia PefiHonbaca TeweHHs Ha TEMIONEPEHOC H Nepenan gas-
JIEHHs B TIPSIMOYTOJILHBIX KaHAJIaX C ABYMS OpeOPEHHBEIMM NPOTHBONONOXHEIME cTeHKaMH., OTHoLIeHAE
CTOPOH KaHajla (OTHOIICHWE WIMPHMHHI K BbicoTe W/H, mipum 31oM pebGpa pacnonoxeHbl Ha GOKOBBIX
CTeHKax) DpUHMMAaNo 3HakeHnA 1/4, 1/2, 1, 2 u 4, a cooTBercTBYyromme yriel ataku pebep cocraBnamu
90°, 60°, 45° u 30°. Yncao Peiinonbaca uamenanock 8 auanasone 10000-60000. Monysennrie pezyin-
TATHI CBHAETEILCTBYIOT O TOM, YTO Y3kHe KaHanel (W/H < 1} objanaroT ropasno AyHIINMH XapakTe-
PHCTHKAMH TeUIonepeHoca, yem wmHpokne (W/H = 1). B ciydae KBagpaTHOro KaHaja ONTHMAJIbHBLIC
XapaKTEPHCTHKM TEIUIONEPEHOCa MOCTHIAIOTCSA NIPH HanduM pebep ¢ oTHoweHHeM yrios 60°/45°. Ins
y3xkux Kananos (W/H = 1/4 wm 1/2) pexomenayrorcs yrioseie pebpa ¢ otHomenueM 45°/60°, B To
BpeMs Kak Ui MHPOKEX kaHanoe (W/H =4 mmu 2) maubonee addextusnl pebpa ¢ oTHOMIEHHEM
30°/45°.
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